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Abstract

A detailed one-dimensional steady and transient numerical simulation of the thermal and fluid-dynamic behaviour of triple co
tube heat exchangers has been developed. The governing equations (continuity, momentum and energy) inside the inner tube and
(inner and outer), together with the energy equations in the inner, intermediate and outermost tube wall and insulation, are solved
in a segregated manner. The discretized governing equations in the zones with fluid flow are coupled using an implicit step by ste
This formulation requires the use of empirical information for the evaluation of convective heat transfer, shear stress and void fra
implicit central difference numerical scheme and a line-by-line solver was used in the inner and intermediate tube walls and the
tube wall with insulation. All the flow variables (enthalpies, temperatures, pressures, mass fractions, velocities, heat fluxes, etc
with the thermophysical properties are evaluated at each point of the grid in which the domain is discretized. Different numerical as
comparisons with results obtained from the technical literature are presented in order to verify and validate the model.
 2004 Elsevier SAS. All rights reserved.
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1. Introduction

Triple concentric-tube heat exchangers are used for
ferent products and are found in dairy, food, beverage
pharmaceutical industries. Almost all liquid products can b
pasteurized through one of these heat exchangers. Exam
of such products are milk, cream, pulpy orange juice, ap
mash, liquid eggs, sauces, etc.

Triple concentric-tube heatexchangers improve the he
transfer through an additional flow passage and a larger
transfer area per unit exchanger length compared to a do
concentric-tube heat exchanger.

In order to optimise the effectiveness of the heat excha
ers, and consequently the energy consumption and
more accurate and general methods of prediction of t
thermal and fluid-dynamic behaviour are required. The
herent complexity of the heat exchanger design in asp
such as geometries and fluid flow patterns, means tha
possibilities of analytical solutions are very limited wit
out assuming stringent simplifications (e.g., analytical
proaches such as F-factor,ε-NTU, etc.). Numerical method
allow the governing equations to be solved with fewer
strictions.

E-mail address:ogv@cie.unam.mx (O. García-Valladares).
1290-0729/$ – see front matter 2004 Elsevier SAS. All rights reserved.
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An important variety of technical situations can be trea
assuming steady or transient one-dimensional flow,
example, all those involving flow through tubes and du
(double pipe, shell-and-tube, fin-and-tube heat exchan
etc.).

Zuritz [1] developed a set of analytical equations
fluid temperatures and conducted a case study for t
tube counter-flow heat exchanger. Ünal [2] obtained a f
analytical expressions for the variations of bulk temperatu
of the three fluid streams along the heat exchanger b
on a simplified physical model. Ünal [3] presented seve
case studies for counter-flow arrangement and it has
demonstrated that the heat exchanger performance/or size
strongly dependent upon the radii of the three tubes. Üna
derived a fully analytical expressions for the effectiven
of triple concentric-tube heat exchangers with both coun
flow and parallel-flow arrangements based on the previo
obtained temperature distribution expressions [2].

The objective of this work is to develop numeric
criteria which allow the simulation, in both transient a
steady state, of the thermal and fluid-dynamic behav
of a triple concentric-tube heat exchanger. The nume
solution in the zones with fluid flow has been performed
discretization of the one-dimensional governing equati
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Nomenclature

A cross section area . . . . . . . . . . . . . . . . . . . . . . . . m2

cp specific heat at constant pressure . . J·kg−1·K−1

CV control volume
D diameter . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
e specific energy (h + v2/2+ gzsinθ ) . . . J·kg−1

f friction factor
g acceleration due to gravity . . . . . . . . . . . . . m·s−2

G mass velocity . . . . . . . . . . . . . . . . . . . kg·m−2·s−1

h enthalpy . . . . . . . . . . . . . . . . . . . . . . . . . . . . J·kg−1

L length . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
m mass. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg
ṁ mass flux . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg·s−1

n number of control volumes
p pressure. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
P perimeter . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
P T friction power expenditure . . . . . . . . . . . . . . . . W
q̇ heat flux per unit area . . . . . . . . . . . . . . . . W·m−2

Q̇ heat flux . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . W
r radius . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Re Reynolds number(GD

µ
)

t time . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . s
T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K
v velocity . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m·s−1

xg vapour mass fraction
z axial coordinate

Greek letters

θ angle. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . rad
ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg·m−3

Φ two-phase frictional multiplier
α heat transfer coefficient . . . . . . . . . W·m−2·K−1

δ rate of convergence

ξ roughness . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
τ shear stress . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
λ thermal conductivity . . . . . . . . . . . . W·m−1·K−1

µ dynamic viscosity . . . . . . . . . . . . . . . . . . . . . . Pa·s
ε effectiveness of the heat exchanger
εg void fraction

p pressure drop . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa

t temporal discretization step . . . . . . . . . . . . . . . . s

r radial discretization step . . . . . . . . . . . . . . . . . . m

z axial discretization step . . . . . . . . . . . . . . . . . . . m

Subscripts

E,e east
g gas or vapour
inner annulus inner surface
l liquid
N,n north
outer annulus outer surface
r radial direction
S, s south
tp two-phase
W,w west
z axial direction
o previous instant

Superscripts

∗ guessed values
− arithmetical average over a CV:

φ̄ = (φi + φi+1)/2
∼ integral average over a CV:

φ̃ = (1/
z)
∫ z+
z

z φ dz
ep

op-
l lit-
ele-
ider

er-
en,
-
the

ow
gle-

se).
1,
ns

cts
, the
based on an efficiently coupled fully implicit step by st
method over control volumes (CVs) [5–7].

The local fluids products and water thermophysical pr
erties are evaluated using values obtained from technica
erature and REFPROP v.7.0 [8], respectively. The solid
ments (tubes and insulation) are accurately solved cons
ing multidimensional heat transfer effects.

Details of the mathematical formulation and the diff
ent numerical techniques employed are firstly shown. Th
different numerical aspects are presented and finally com
parisons of numerical solutions with results obtained in
literature are shown.

2. Mathematical formulation

2.1. Flow inside ducts

The mathematical formulation of the two-phase fl
is evaluated inside a characteristic CV of a tube (sin
-

phase flow, liquid or gas, represents a particular ca
A characteristic CV is shown schematically in Fig.
where ‘i ’ and ‘i + 1’ represent the inlet and outlet sectio
respectively.

Taking into account the characteristic geometry of du
(diameter or diameters, length, roughness, angle, etc.)

Fig. 1. Flow inside a control volume.
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governing equations have been integrated assuming
following assumptions:

• one-dimensional flow:p(z, t), h(z, t), T (z, t), etc.
• negligible axial heat conduction inside the fluid a

radiation effects.

The semi-integrated governing equations over the ab
mentioned finite CV, have the following form [7]:

• Continuity:

[
ṁ

]i+1
i

+ ∂m

∂t
= 0 (1)

• Momentum:

[
ṁgvg

]i+1
i

+ [
ṁlvl

]i+1
i

+ 
z
∂ ˜̇m
∂t

= −[p]i+1
i A − τ̃P
z − mgsinθ (2)

• Energy:

˜̇m[el]i+1
i + [

ṁg(eg − el)
]i+1
i

+ (
ẽg − ẽl

)∂mg

∂t
+ mg

∂ẽg

∂t

+ ml

∂ẽl

∂t
− A
z

∂p̃

∂t
+ (

ẽl − ēl

)∂m

∂t
= ˜̇qP
z (3)

whereφ̃ represents the integral volume average of a gen
variableφ over the CV and̄φ its arithmetic average betwee
the inlet and outlet of the CV. The subscript and supersc
in the brackets indicate[X]i+1

i = Xi+1 − Xi , i.e., the
difference between the quantityX at the outlet section an
the inlet section.

In the governing equations, the evaluation of the sh
stress is performed by means of friction factor ƒ. T

Fig. 2. Heat fluxes in a control volume of a solid.
factor is defined from the expression:τ = Φ(f/4)(G2/2ρ)

[9], whereΦ is the two-phase factor multiplier. The on
dimensional model also requires the knowledge of the t
phase flow structure, which is evaluated by means of the
fractionεg . Finally, heat transfer through the duct wall a
fluid temperature are related by the convective heat transfe
coefficientα, which is defined as:α = q̇wall/(Twall − Tfluid).

2.2. Heat conduction in the inner and intermediate tube
wall

The conduction equation has been written assuming
following hypotheses: one-dimensional transient temp
ture distribution and negligible heat exchanged by radiat
A characteristic CV is shown in Fig. 2, where ‘P ’ represents
the central node, ‘E’ and ‘W ’ indicate its neighbours. Th
CV-faces are indicated by ‘e’, ‘ w’, ‘ n’ and ‘s ’.

Integrating the energy equation over this CV, the follo
ing equation is obtained:

( ˜̇qsPs − ˜̇qnPn

)

z + ( ˜̇qw − ˜̇qe

)
A = m

∂h̃

∂t
(4)

where ˜̇qs and ˜̇qn are evaluated using the respective conv
tive heat transfer coefficient in each zone, and the con
tive heat fluxes are evaluated from the Fourier law, tha
˜̇qe = −λe(∂T /∂z)e and ˜̇qw = −λw(∂T /∂z)w.

2.3. Heat conduction in the outermost tube wall and the
insulation

The outermost tube wall is solved in a similar way as
scribed in the previous section for the inner and interm
diate tubes. The conduction equation for the insulation
been written assuming transient axisymmetric tempera
distribution and negligible heat exchange by radiation w
the external ambient. Eq. (4) can also be applied over
annular CVs in the insulation (see Fig. 3). The north a
south interfaces are evaluated from the Fourier law, ex
in the tube-insulation interface (where a harmonic mea
used taking into account the distances between the inte
Fig. 3. Node distribution along the triple concentric-tube heat exchanger.
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and the central node of the CV in the interface in both m
terials together with their different conductivities) and in t
insulation-ambient interfacewhere the heat transfer by na
ural convection is introduced.

3. Differentiation between Regions (if change of phase,
condensation or evaporation, occurs)

The differentiation between the three main regions ex
ing in both the condensation and the evaporation proce
is given by the enthalpy, pressure and vapour quality. Th
conditions are:

• Liquid region: whenh(p) < hl(p), thenxg = 0.
• Two-phase region: whenhl(p) � h(p) � hg(p), then

0 < xg < 1.
• Vapour region: whenh(p) > hg(p), thenxg = 1.

Wherehl(p) andhg(p) represent the saturation liquid an
gas enthalpy for a given pressurep.

4. Evaluation of empirical coefficients

The mathematical model requires information about f
tion factorf , convective heat transfer coefficientα and the
void fractionεg. This information is generally obtained fro
empirical or semi-empirical correlations. After comparing
different empirical correlations presented in the technica
erature, the following one was selected for in this article:

Single-phase
In the single-phase regions(subcooled liquid or super

heated vapour), the convective heat transfer coefficien
calculated using the Nusselt number for uniform heat
and the Gnielinski equations [10] for laminar and turbul
regimes respectively (the change between both regim
considered when the Reynolds number is equal to 2000).
friction factor is evaluated from the expressions propose
Churchill (cited by Lin et al. [11]). The void fraction an
mass fraction (quality) is equal to 1 if the fluid is a sup
heated vapour and zero if it is a subcooled liquid.

Annulus flow
The friction factor is calculated using the expressions c

responding to single-phase flow with the hydraulic diam
ter. For turbulent regimes, the convective heat transfer
to both tube walls are calculated using the Monrad and
ton correlations proposed specifically for annulus (cited
Jakob [12]); for laminar ones, Martin [13] correlation for a
nulus with both surfaces heated is used.
s

5. Numerical resolution

5.1. Spatial and temporal discretization

Fig. 3 shows the spatial discretization of a triple co
centric-tube heat exchanger. The discretization nodes
located at the inlet and outlet sections of the CVs in
fluid flow zones, while the discretization nodes are cen
in the CVs in the tubes wall and insulation. Each one
the fluids has been divided intonz volumes (i.e.,nz + 1
nodes). The internal tubes has been discretized intonz

control volumes of length
z. The external tube and th
insulation are discretized intonzxnr control volumes of
length
z and width
r, where
r = (r6 − r5) for j = 1
and
r = (r7 − r6)/(nr − 1) for j > 1.

The transitory solution is performed at every time s

t . Depending on the time evolution of the bounda
conditions, a constant or variable value of
t can be
selected.

5.2. Flow inside annulus and the inner tube

The discretized equations have been coupled usin
fully implicit step by step method in the flow directio
From the known values at the inlet section (pressure
temperature or quality) and guessed values of the
boundary conditions (wall temperature distribution obtained
from the previous outer iteration), the variable values
the outlet of each CV are iteratively obtained from t
discretized governing equations (see next section).
solution (outlet values) is the inlet values for the next C
The procedure is carried out until the end of the tube
reached.

5.2.1. Discretization equations
For each CV, a set of algebraic equations is obtained

discretization of the governing equations (1)–(3).
In the sectionmathematical formulation, the governing

equations have been directly presented on the basis o
spatial integration over finite CVs. Thus, only their tempo
integration is required. The transient terms of the govern
equations are discretized using the following approximat
∂φ/∂T ∼= (φ − φo)/
t , where φ represents a gener
dependent variable (φ = h, p, T , ρ, etc.); superscript “o”
indicates the value of the previous instant.

The integral volume averages of the different variab
have been estimated by the arithmetic mean between the
values at the inlet and outlet sections, that is:φ̃i

∼= φ̄i ≡
(φi + φi+1)/2.

Based on the numerical approaches indicated above
governing equations (1)–(3) can be discretized to obtain
value of the dependent variables (mass flow rate, pres
and enthalpy) at the outlet section of each CV. The final fo
of the governing equations are given below.
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The mass flow rate is obtained from the discretiz
continuity equation,

ṁi+1 = ṁi − A
z


t

(
ρ̄tp − ρ̄o

tp

)
(5)

where the two-phase density is obtained from:ρtp = ρgεg +
(1− εg)ρl .

In terms of the mass flow rate, gas and liquid veloci
are calculated as,

vg =
[

ṁxg

ρgεgA

]
, vl =

[
ṁ(1− xg)

ρl(1− εg)A

]

The discretizedmomentum equationis solved for the outle
pressure,

pi+1 = pi − 
z

A

[(
Φinnerf̄innerPinner+ Φouterf̄outerPouter

)

× ¯̇m2

8ρ̄tpA2 + ρ̄tp Agsinθ

+ [ṁ(xgvg + (1− xg)vl)]i+1
i


z
+ ¯̇m − ¯̇mo


t

]
(6)

where, the subscript ‘inner’ and ‘outer’ in the annu
indicates the effects of friction due to the inner and ou
surfaces. In the case of the flow in the inner tube only
outer surface exists.

From theenergy equation(3) and thecontinuity equa-
tion (1), the following equation is obtained for the outlet e
thalpy:

hi+1 =
[
2
(
q̇wall,innerPinner+ q̇wall,outerPouter

)

z

− ṁi+1a + ṁib + A
z


t
c

]

×
[
ṁi+1 + ṁi + ρ̄o

tpA
z


t

]−1

(7)

where

a = (
xgvg + (1− xg)vl

)2
i+1 + g sinθ
z − hi

b = (
xgvg + (1− xg)vl

)2
i
− g sinθ
z + hi

c = 2
(
p̄i − p̄o

i

) − ρ̄o
tp

(
hi − 2h̄o

i

) − (
ρ̄v̄2

i − ρ̄ov̄o2

i

)
Temperature, mass fraction and thermophysical prope
are evaluated using matrix functions of the pressure
enthalpy, refilled with the fluid products properties evalua
using literature information or REFPROP v.7.0 (in the c
of water and air) [8]:

T = f (p,h), xg = f (p,h), ρ = f (p,h), . . . (8)

The above mentioned conservation equations of mass,
mentum and energy together with the thermophysical p
erties, are applicable to transient two-phase flow. Situat
of steady flow and/or single-phase flow (liquid or gas)
particular cases of this formulation. Moreover, the mat
matical formulation in terms of enthalpy gives generality
the analysis (only one equation is needed for all the regi
and allows to deal with cases of mixtures of fluids.
-

5.2.2. Boundary conditions
Inlet conditions. The boundary conditions for solving a
step by step method directly are the inlet mass flux(ṁin),
pressure(pin) and temperature(Tin) or mass fraction(xgin)

in the cases of two-phase flow. From any of these va
(temperature or mass fraction) and the pressure, enth
(the dependent variable) isobtained. Other boundary cond
tions such as(ṁin,pout) or (pin,pout) or (pin, ṁout) can be
solved using a Newton–Raphson algorithm. The metho
based on an iterative process where the inlet mass flux o
inlet pressure is updated until global convergence is reac

Solid boundaries. The wall temperature profile in the tub
(constant or variable) or the heat flux through the tube w
in each CV must be given. These boundary conditions
expressed in the energy equation in the following comp
form:

q̇wall = (1− β)q̇wall + βα(Twall − Tfluid) (9)

whereβ = 1, if the boundary condition is the wall temper
ture, andβ = 0, if the heat flux is given. An adiabatic boun
ary condition can be given ifβ = 0 andq̇wall = 0.

5.2.3. Solver
In each CV, the values of the flow variables at the o

let section of each CV are obtained by solving iterativ
the resulting set of algebraic equations (continuity, mom
tum, energy and state equations mentioned above) from
known values at the inlet section and the boundary co
tions. The solution procedure is carried out in this man
moving forward step by step in the flow direction. At ea
cross section, the shear stresses, the convective heat
and the void fractions are evaluated using the empirical
relations obtained from the available literature (seeEvalua-
tion of Empirical Coefficients). The transitory solution is it
eratively performed at each time step. Depending on the
evolution of the boundary conditions, a constant or variab
value of
t can be selected.

5.2.4. Convergence
Convergence is verified at each CV using the follow

condition:
(

1−
∣∣∣∣φ

∗
i+1 − φi


φ

∣∣∣∣
)

< δ (10)

where φ refers to the dependent variables of mass fl
pressure and enthalpy; andφ∗ represents their values
the previous iteration. The reference value
φ is locally
evaluated asφi+1 − φi . When this value (
φ) tends to
be zero, for example, in the case of mass flux variabl
steady state (̇mi+1 = ṁi ), 
φ is substituted byφi+1 and the
numerator is substitued byφ∗ .
i+1
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5.3. Heat conduction in the inner and intermediate tube
wall

The following equation has been obtained from Eq.
for each node of the grid:

aiTwall,i = biTwall,i+1 + ciTwall,i−1 + di (11)

where the coefficients are,

ai = λwA


z
+ λeA


z
+ (αsPs + αnPn)
z + A
z


t
ρcp

bi = λeA


z

ci = λwA


z

di = (
αsPs

�Ts + αnPn
�Tn

)

z + A
z


t
ρcpT o

wall,i

The coefficients mentioned above are applicable for 2� i �
nz −1; for i = 1 andi = nz appropriate coefficients are us
to take into account the axial heat conduction or tempera
boundary conditions. The set of heat conduction discret
equations is solved using the algorithm TDMA [14].

5.4. Heat conduction in the outermost tube and insulatio

The following equation has been obtained for each n
of the grid:

aP Twall,i,j = aETwall,i+1,j + aWTwall,i−1,j

+ aNTwall,i,j+1 + aSTwall,i,j−1 + dP (12)

where the coefficients are,

aW = λwA


z
, aE = λeA


z
, aN = λnPn
z


r

aS = λsPs
z


r
, d ′

P = A
z


t
ρcp

aP = aW + aE + aN + aS + d ′
P , dP = d ′

P T o
wall,i,j

The coefficients mentioned above are applicable for 2� i �
nz − 1 and 2� j � nr − 1; for the nodes in the frontier th
following considerations have been applied:

• For j = 1, forced convection is considered in the so
face. Tube wall thermal conductivity in east and w
faces and insulation thermal conductivity in north fa
are evaluated at the mean temperature between the n
that separate them.

• For j = nr , natural convection with the ambient (usin
the correlation developed by Churchill and Chu [1
and conduction through the adjacent layer of insula
of thickness equal to
r/2 are considered. Thermal co
ductivity values are evaluated at the node temperatu

• For i = 1 and i = nz, appropriate coefficients ar
used to take into account the axial heat conduction
temperature boundary conditions.
s

6. Numerical algorithm

At each time step solution process is carried out
the basis of a global algorithm that solves in a segreg
manner the flow inside the inner tube, the flow inside
inner and outer annulus and the heat conduction in
inner and intermediate tubes and the outermost tube
insulation. The coupling between the six main subrouti
has been performed iteratively at each time step follow
the procedure described below (see Fig. 4):

• For fluid flow inside the inner tube, the governing equa
tions are solved considering the tube wall tempera
distribution as boundary condition, evaluating the con
vective heat transfer in each CV.

• For fluid flow inside the inner annulus, the same proces
(as above) is carried out considering both wall tempe
tures (inner and intermediate tube wall).

Fig. 4. Numerical algorithm flow diagram.
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• For fluid flow inside the outer annulus, the same proces
(as above) is carried out considering both wall tempe
tures (intermediate tube wall and outermost tube wa

• In the inner tube wall, the temperature distributio
is re-calculated using the fluid flow temperature a
convective heat transfer coefficients evaluated with th
energy equation in the fluid flow inside the inner tu
and the inner annulus.

• In the intermediate tube wall, the temperature distrib
ution is re-calculated using the fluid flow temperatu
and convective heat transfer coefficients evaluated
the energy equation in the fluid flow inside the inner a
outer annulus.

• In the outermost tube with insulation, the temperature
distribution is re-calculated using fluid flow temperatu
and convective heat transfer coefficients evaluated
the energy equation in the outer annulus and the na
convection heat transfer coefficient evaluated for
external ambient according to Churchill and Chu [15].

It is assumed that the streams in the inner tube and
outer annulus are fed by the same pumping source w
implies that the pressure drop at the inner tube and at o
annulus should be equal [3]. For this reason, the mass
in each stream (inner tube and outer annulus) is iterati
evaluated by a Newton–Raphson algorithm in such a
that the pressure drop is the same, and the outlet press
also iteratively evaluated by a Newton–Raphson algori
until the imbalance of the global mass conservation equa
between the two streams is verified.

The governing discretized equations corresponding
steady state situation are the same equations (5)–(7),
(12) without considering the temporal derivative terms. T
situation can be solved using a pseudo-transient calcula
with a guessed initial condition (for example, fluids
rest and uniform temperature in the whole domain).
transient situations, the initial conditions must be completel
specified (i.e., the complete distribution of the variables
the whole domain). Sometimesthese initial conditions ar
obtained from a steady state solution.

The global convergence is reached when between
consecutive loops of the six main subroutines is verified
Eq. (10) for all the CVs in the domain.

7. Numerical results

Results obtained with the numerical simulation dev
oped are presented. Firstly, numerical result for the so
is compared with the analytical solution of a single case
order to verify this subroutine. Finally, different numeric
results for triple concentric-tube heat exchanger are c
pared with data obtained from the technical literature,
the operational performance with counter and parallel fl
arrangement are illustrated.
l

r

is

,

7.1. Comparison of numerical results with analytical
solution

7.1.1. Comparison with an analytical solution for axial
conduction in a tube

The code has been verified for the case of a single tub
steady state conditions. Extremes are considered isothe
The internal and external fluids have different unifo
temperatures with known uniformheat transfer coefficients

The analytical solution (based on the standard theor
heat transfer for fin surfaces with constant sectional are
generated for the axial condition in tubes as follows [16]

Twall,z = C1e
mz + C2e

−mz + �T (13)

where,

C2 = Φ2 − Φ1e
mL

e−mL − emL
, C1 = Φ1 − C2

Φ1 = (
Textreme,w − �T )

, Φ2 = (
Textreme,e − �T )

�T = αfluid,extPextTfluid,ext + αfluid,intPintTfluid,int

αfluid,extPext + αfluid,intPint

m2 = αfluid,extPext + αfluid,intPint

λwallA

The comparison between numerical and analytical solution
has been made for the following case:Textreme,w = 30◦C,
Textreme,e = 51◦C, Tfluid,ext = 45◦C, Tfluid,int = 28.5 ◦C,
αfluid,ext = 20 W·m−2·K−1, αfluid,int = 40 W·m−2·K−1,
Dint = 0.0079 m,Dext = 0.0095 m,L = 1.0 m, λwall =
400 W·m−1·K−1 (the conductivity is approximately o
copper tubes).

In this case, the maximum error in a CV is lower th
0.06% for grids with more than 40 CVs. Fig. 5 shows
comparison between analyticaland numerical results for th
case of 40 CVs. An excellent degree of correlation can

Fig. 5. Comparison between analytical and numerical solution using 40
nodes.
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observed in the numerical solution with a reasonable num
of CVs. The sigmoidal trend of this curve is due to that
heat transfer by convection is higher than the heat transfe
conduction therefore only near the extremes the heat tra
by conduction is appreciable and the temperature tend
the extremes temperatures. If the heat transfer by condu
will be much higher than the heat transfer by convection t
the profile of this curve should be a line between the
extremes temperatures.

7.2. Comparison of numerical results of triple-tube heat
exchangers with technical literature data

In these analyses, the mass flux inside the inner
and the outer annulus are determined considering that
streams have the same pressure drop along the hea
changer as mentioned in the section fornumerical algorithm.

Once the mass flow rate and the temperature distribu
are determined, the heat exchanger effectivenessε is calcu-
lated as a performance parameter using the next defin
[3]:

ε ≡ Q̇

Q̇max
≡ ‖ṁ2(h2,out − h2,in)‖

‖(ṁcp)min(T2,in − T1,in)‖ (14)

The total friction power expenditurePT is used as anothe
performance parameter, which is calculated from [3]:

PT = ṁ1
p1

ρ̄1
+ ṁ2
p2

ρ̄2
+ ṁ3
p3

ρ̄3
(15)

Where subscript 1, 2 and 3 indicate the flow inside the in
tube, the inner annulus and the outer annulus respective

All the numerical results presented in this paper h
been obtained using an appropriate number of CVs to
grid-independent solutions.

7.2.1. Comparison with the theoretical analysis by
Ünal [3]

In this section, different cases corresponding to a coun
flow triple concentric-tube heat exchanger are compa
with the theoretical values obtained by Ünal [3].

For all the cases (see Fig. 3):L = 30 m, r5 = 80 ×
10−3 m, r7 = 87 × 10−3 m, (r2 − r1) = 1 × 10−3 m
(thickness of the inner tube), (r4 − r3) and (r6 − r5) =
2 × 10−3 m (thickness of the intermediate and outerm
tube respectively),θ = 0 andξ = 1.5 × 10−6 m for all the
surfaces. Tubes are of stainless steel and the insulatio
armaflex. The ambient temperature has been fixed in 25◦C.
The numerical parameters are:δ = 10−6, 
z = 0.1 m and
nr = 5. The empirical correlations used in this case are
same as mentioned in the section forevaluation of empirica
coefficients.

A liquid food product with a constant thermophysic
properties ofρ2 = 1020 kg·m−3, cp2 = 4000 J·kg−1·K−1,
µ2 = 1.5 × 10−3 Pa·s, λ2 = 0.5 W·m−1·K−1 and an inlet
temperature of 80◦C has been considered as the hot flu
Water atT1 = T3 = 15◦C, p1 = p3 = 1 bar andṁ13 =
r

-

f

ṁ1 + ṁ3 = 10000 kg·h−1 has been considered as the c
fluid entering the heat exchanger (variable thermophys
properties according to REFPROP v.7.0 [8] has been ta
into account for water). The hot fluid is considered to
flowing in counter-flow direction in the inner annulus a
for the case ofr1 = r2 = 0 m (double concentric-tube he
exchanger) it is considered to be flowing inside the in
tube.

The analyses are carried out by taking a fixed value
the intermediate tube radius,r3, at a time and varying th
size of the inner tube,r1, betweenr1 = 10× 10−3 m and
r1 = (r3 − 
r1) m with 
r1 = 5 × 10−3 m intervals. Five
values ofr3 (r3 = 30, 40, 50, 60 and 70× 10−3 m) are
considered. Case studies have been carried out for
different mass flow rates of the hot fluid (ṁ2 = 2000, 3000
and 5000 kg·h−1).

Differences between the results obtained with the stead
state model by Ünal [3], and the formulation model p
sented in this paper are principally due to the following r
sons: the correlations used for the heat transfer coeffic
and the friction factor are different between both works (a
also, the transition criterion between laminar and turbu
regimes, in this work the critical Reynolds number is 20
and in the Ünal’s work is 2300); the flow through the inn
tube and the outer annulus is evaluated by Ünal [3] consi
ing frictional drops only (neglecting local pressure drops)
this work, the mass flow in each stream (inner tube and o
annulus) is iteratively evaluated by a Newton–Raphson a
rithm in such a way that the pressure drop is the same,
the outlet pressure is also iteratively evaluated by a New
Raphson algorithm until the imbalance of the global m
conservation equation betweenthe two streams is verified
Ünal’s [3] work does not take into account the thickness
tubes and it does not consider the thermal resistance and
transfer through tube wall. Also the cross sectional area
flow are different because Ünal’s [3] does not take into
count the thickness of tubes; Ünal [3] considers thermop
ical properties of water to be constant which, in the analy
results in constant heat transfer coefficients along the
instead of a variable one. In spite of the differences m
tioned above, both models give similar tendencies for
analyses cases (as it is demonstrated later) with all the
flows presented in the triple concentric-tube heat exchang
in a turbulent regime.

Fig. 6(a), (b) show as Ünal [3] mentioned and the mo
confirms: “It is clear that larger effectiveness are achie
for small values ofr3, especifically forr3 = 40× 10−3 m
and 50× 10−3 m (in the model here presented also lar
effectiveness are obtained forr3 = 60× 10−3 m)”. With a
double tube heat exchanger of same length and outer
radius (L = 30 m andr5 = 80× 10−3 m, consideringr1 =
r2 = 0 m) would yield a maximun effectiveness ofε = 0.528
at an inner diameter ofr3 = 50×10−3 m; it is apparent from
Fig. 6(a) that adding a third tube with a radius ofr1 = 30×
10−3 m, for example, would increase the effectiveness
value ofε = 0.843 which may be translated into more th
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Fig. 6. Variation of (a) effectiveness and comparison with results obta
by Ünal [3] of (b) effectiveness and (c) total frictional power expendit
with the inner and intermediate tube radius, for a triple tube heat exchang
whenṁ2 = 2000 kg·h−1.

30% increase in the exchanger duty (heat transfer rate).
a larger value ofε = 0.972 could be obtained if the inne
tube radius is increased tor1 = 45× 10−3 m for the expense
of PT = 7.946 W instead of the value ofPT = 0.956 W
occurring atr1 = 30× 10−3 m (see Fig. 6(c)). The mode
estimated a better operational point forr3 = 60× 10−3 m
(a)

(b)

Fig. 7. Variation and comparison with results obtained by Ünal [3]
(a) effectiveness, (b) total frictional power expenditure with the inner an
intermediate tube radius, for a triple tube heat exchanger wheṅm2 = 3000
kg·h−1.

whenr1 = 50×10−3 m, with the performance parameters
ε = 0.943 andPT = 1.038 W. The exchanger effectivene
owes its higher values for 30× 10−3 � r3 � 60× 10−3 m to
turbulent fluid flows in all the three streams.

Fig. 6(c) shows as Ünal [3] mentioned and the mo
confirms: “For small values ofr3 (r3 � 50 × 10−3 m),
PT is quite low at the beginning. For larger values ofr3
(r3 � 60 × 10−3 m) relatively high total frictional powe
expenditures are obtained at smallr1”.

Fig. 6(a)–(c) show that relative sizes of the tubes (t
radius) that form the heat exchanger play a very impor
role on the exchanger performance.

Figs. 7(a), (b) and 8(a), (b) show that the most conven
operational exchanger parameters are limited within
range of r3 = 60 × 10−3 m and r1 = 40 × 10−3 m to
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Fig. 8. Variation and comparison with results obtained by Ünal [3]
(a) effectiveness, (b) total frictional power expenditure with the inner an
intermediate tube radius, for a triple tube heat exchanger wheṅm2 = 5000
kg·h−1.

50× 10−3 m for ṁ2 = 3000 kg·h−1 andr3 = 60× 10−3 m
andr1 = 35×10−3 m to 45×10−3 m for ṁ2 = 5000 kg·h−1.

Laminar flow conditions where found in some parts
the heat exchanger in the following cases: in the flow
the inner tube forr1 = 10× 10−3 m andr3 = 30× 10−3 m
to 40× 10−3 m; for the flow in the outer annulus forr1 >

50× 10−3 m andr3 = 70× 10−3 m. For both situations, th
laminar regime produce lower heat transfer coefficients
it does not affect the numerical results significantly becaus
the mass flow through these tubes for these cases is ver
compared with the flow in the outer annulus or in the in
tube, respectively; for the flow in the inner annulus forr1 >

50× 10−3 m andr3 = 70× 10−3 m andṁ2 = 2000 kg·h−1.
Laminar regime in this case affects a lot the numerical res
as it is shown in Fig. 6(a); the discontinuity in this dash
(a)

(b)

(c)

Fig. 9. Numerical (a) temperatures, (b) Reynolds numbers and (c) he
transfer coefficients distribution for a counter flow triple tube heat
changer (r1 = 40× 10−3 m, r3 = 50× 10−3 m andṁ2 = 2000 kg·h−1).

dotted-dotted line is due to a large change in the heat tran
coefficient between laminar and turbulent flows.

Fig. 9(a)–(c) illustrates the temperatures, Reynolds n
bers and heat transfer coefficients along a counter flow tr
tube heat exchanger withr1 = 40 × 10−3 m, r3 = 50 ×
10−3 m andṁ2 = 2000 kg·h−1. Fig. 9(a) shows the simu
lation flows and tube wall temperatures along the heat
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changer; the flow temperatures between the fluid in the
ner annulus and the water in the inner tube and outer
nulus increases with the distance due to the counter
arrangement. Fig. 9(b) shows the Reynolds number pro
It is clear in this figure that considering variable therm
physical properties in the water, the Reynolds number
important changes along the heat exchanger (for exam
in Fig. 9(b), in the inner tube and the outer annulus
Reynolds number ranges from 14000 to 19540 and f
7520 to 9660 respectively; these changes are due to tha
dynamic viscosity in the water changes with temperature
example, in the inner tube considering an atmospheric p
sure,µ = 1.139× 10−3 Pa·s at 15◦C andµ = 8.157× 10−4

Pa·s at 29◦C). This produces important variations in the h
transfer coefficients (Fig. 9(c)). Due to this the heat trans
fer between different flows and the effectiveness in the h
exchanger can change significantly compared with c
considering constant thermophysical properties (as in liq
food in the inner annulus, where the Reynolds number
the heat transfer coefficient remain constant along the le
of the heat exchanger).

7.2.2. Comparison between a counter-flow and a paralle
flow triple concentric-tube heat exchanger

The same case presented above with the inner ann
mass flow rate of 2000 kg·h−1 (ṁ2) andr3 = 40× 10−3 m
to 60× 10−3 m is now evaluated considering that he
exchanger works in parallel arrangement. The nume
results obtained for these cases are compared with the re
obtained for the counter-flow ones.

Fig. 10(a) shows that the differences between both fl
arrangements are relatively small for small values ofr1,
but they increase with increases inr1 (this is due to tha
with small values ofr1 the mass flow rate and the he
transfer area through the flow inside the inner tube is
small and the heat transfer of this fluid to the fluid in t
inner annulus is also small, with increases inr1 these values
are higher and due to the effectiveness of a counter
arrangement in the inner tubeis higher than in a paralle
one, also the difference in the global effectiveness in the
exchanger between both arrangement increases). Comp
both configurations (parallel and counter-flow arrangem
for their better operation points (r3 = 60× 10−3 m when
r1 = 50 × 10−3 m, with the performance parameters
ε = 0.943 for counter-flow arrangement andε = 0.811 for
parallel arrangement), the effectiveness would increas
more than 12% using a counter-flow arrangement.

Fig. 10(b) shows the temperature distribution along
heat exchanger for both arrangements (the case is the
of Fig. 9(a), r1 = 40 × 10−3 m, r3 = 50 × 10−3 m and
ṁ2 = 2000 kg·h−1), for the flow in the inner tube an
in the inner and outer annulus. The outlet temperatur
the inner annulus (T2, liquid food) in the counter flow
arrangement is about 7◦C lower than in the parallel one (th
is due to the effectiveness in the counter flow arrangem
is higher and the heat transfer rate between the water
,

e

s

s

g

e

(a)

(b)

Fig. 10. (a) Variation of effectiveness and (b) temperatures distribu
along the heat exchanger with a counterflow and parallel flow arrangement

liquid food is better than with a parallel flow arrangemen
The temperature difference between the liquid food
the inner annulus and water in the inner tube and o
annulus increases with the distance from the inlet of the
exchanger (inlet is represented by a distance equal to 0
Fig. 10(b)) for counter flow arrangement, while it decrea
for parallel flow.

7.2.3. Comparison with a simplified model
The case (same as Fig. 9(a),r1 = 40×10−3 m, r3 = 50×

10−3 m andṁ2 = 2000 kg·h−1) has been evaluated wit
a simplified model that considers thermophysical proper
of water to be constant (ρ = 999 kg·m−3, cp = 4189
J·kg−1·K−1, µ = 1.14× 10−3 Pa·s, λ = 0.59 W·m−1·K−1)

and without considering the thickness of tubes and with
it does not consider the thermal resistance and heat tra
through tube wall.
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Fig. 11. Numerical (a) temperatures, (b) Reynolds number and (c) he
transfer coefficients distribution along the heat exchanger with the m
and a simplified one.

Fig. 11(a)–(c) illustrates the temperatures, Reynolds n
bers and heat transfer coefficients between the simplifie
model and the complete one here developed. Fig. 1
shows the variation in simulation flows and tube w
temperatures along the heat exchanger for both mo
Fig. 11(b) shows the Reynolds number profiles. It is cl
in this figure that considering variable thermophysical pr
;

erties in the water, the Reynolds number has impor
changes along the heat exchanger. This produces impo
variations in the heat transfer coefficients (Fig. 11(c)). D
to this the heat transfer between different flows and the e
fectiveness obtained in the heat exchanger can change
nificantly using a simplified model.

The performance parameters for this simplified mo
are ε = 0.915 and PT = 1.121 W againstε = 0.934
and PT = 1.375 W, obtained with the model consideri
thickness of tubes, heat transfer through them and var
thermophysical properties of water. A relative discrepa
of 2.1% in the effectiveness and 18.5% in the pow
expenditure (PT ) has been obtained between both mod
If the same case is evaluated changing the length of
heat exchanger to 10 m instead of 30 m, the effective
calculated with the simplified model is 0.585 against 0.6
obtained with the complete model. Therefore a rela
discrepancy of 5.8% has been obtained.

According to the results obtained in this section, the
ference between the model here presented and a si
fied one will depend of the geometry, material, fluids a
working conditions used (for example, in this case, if
thickness of the tubes is greater, the tubes materials pre
lower thermal conductivity than stainless steel and the t
mophysical properties of the fluids have more import
changes with the temperature, the discrepancies obtaine
tween a simplified and a complete model could be m
more important).

Moreover, the complete model here presented cons
more realistic situations, such as transient effects, heat
duction within the tube walls, temperature dependent fl
properties and the possibility of two-phase flow conditio
Analytical approaches (Zuritz [1], Ünal [2–4]) cannot co
sider these possibilities.

Other considerations. As the mass flow in two stream
(inner tube and outer annulus) is iteratively evaluated
a Newton–Raphson algorithm in such a way that the p
sure drop is the same, and the outlet pressure is also
atively evaluated by a Newton–Raphson algorithm until
imbalance of the global mass conservation equation betw
the two streams is verified, depending on the real tripl
concentric-tube heat exchanger geometry and the num
and type of singularities (for example, inlet and outlet s
tions, see Fig. 12(a), and elbows, see Fig. 12(b)), the pres
drop through these singularities in the heat exchanger c
greatly affect the flow through both streams (inner tube
outer annulus) due way the flow is evaluated in each one

For this reason, information about the specific const
tion and final installation of eachtriple concentric-tube hea
exchanger given by the manufacturer is needed in orde
introduce in the model the pressure drop and heat tran
in these singularities and obtain more accurate results
predicting their thermal and fluid-dynamic behaviour co
paring it with a real system. In this way, the model h
presented can be an excellent tool to optimise the efficie
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Fig. 12. Singularities in triple concentric-tube heat exchanger: (a) inlet an
outlet sections and (b) elbows (if they exist).

of triple tube heat exchangers, and consequently the en
consumption.

8. Concluding remarks

A numerical model for analyzing the behaviour of trip
concentric-tube heat exchangers has been develope
means of a transient one-dimensional analysis of the
flow governing equations and the heat conduction in so
The empirical coefficients used in the model to evalu
the shear stress and heat flux have been chosen a
comparison of different options proposed in the techn
literature.

The simulation has been implemented on the basis o
implicit step by step numerical scheme for the fluid flo
inside the inner tube and annulus, and an implicit cen
difference numerical schemein the solids. The six zone
that form the triple-tube heat exchanger are solved iterati
in a segregated way until convergence is reached.
model considers heat transfer in solids, local thermophys
properties and local empirical coefficients in each CV.

The discretized governing equations allowed extensio
this numerical model to cases where evaporation or con
sation appeared inside this type of heat exchanger, cons
ing adequate empirical correlations for these zones and

with the knowledge of the thermophysical properties of
fluid or fluids for these conditions.
y

a

-
-

The model presented considers realistic situations, s
as transient effects, heat conduction within the tube w
and insulation, temperature dependent fluid properties
the possibility of two-phase flow conditions. Analytic
approaches cannot consider these possibilities.

The models for solid walls and insulation developed h
been validated with analytical solution of heat conducti
In general, the flexibility and generality of the detailed si
ulation model is demonstrated in this paper by compar
with different cases.

The model developed can be an excellent tool to optim
the efficiency of triple concentric-tube heat exchangers, an
consequently the energy consumption.
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